Traditional valve controlled hydraulic drives have an inherent power loss, due to the throttling over the valves, which limits the maximum system efficiency. Pump controlled direct drives do not have this inherent limitation, but are limited when it comes to controlling asymmetric cylinders, why most solutions that have tried to overcome this problem have incorporated some kind of accumulator. In the present paper a new concept is presented, modelled and analyzed, and it is shown that the concept overcomes the problem with asymmetric cylinders, without the use of an accumulator. The paper first presents an analysis of the general concept, showing that both cavitation and excessive pressure build up needs to be handled by the system, after which the system is presented and modelled. Finally both simulation and experimental results are presented showing the validity of the concept.
INTRODUCTION
Hydraulic servo systems have typically been characterized by high power-and torque-densities, very fast and accurate response capabilities, but also by poor efficiency, varying system parameters and non-linear system characteristics. In recent years the tendency has therefore been to replace hydraulic drives with electrical drives, where possible. The latter has largely been driven by the increasing power densities in electrical drives, but also combined with a general lack of knowledge about hydraulics (fluid power) among common engineers. To counteract this development and improve the system efficiency, a number of different concepts and topologies have been presented in the last decades, where focus has been on pump controlled drives and the ability to handle asymmetric actuators, including secondary controlled systems and variations hereof, see e.g. [1, 3, 2, 4] . Most of the presented systems are, however, based on variable displacement units, rectifying bridges and/or accumulator solutions, which renders the solutions rather complex and/or costly. In the current paper a simple novel servo drive concept is therefore investigated. The concept consists of two fixed displacement units and has no direct throttle losses, but instead allows for regenerative operation. A much simplified sketch of the system is shown in Fig. 1 . The paper first presents a description of the system investigated and a mathematical analysis of the system properties is made. Special focus is on variations in volumetric efficiency of the pumps and how this affects the effective displacement ratio between the two pumps and the area ratio of the cylinder, when also taking the load case (resistive, overrunning and pure inertia load) into account. From the analysis it is shown that both cavitation and excessive pressure build may occur in the system in both chambers if not accounted for in the system. Based on the analysis and description of the system a dynamical model is presented, which forms the basis for development of control strategies to counteract both cavitation and excessive pressure build up, while maintaining accurate velocity control of the system. Finally both simulation and experimental results are presented, showing the validity of the system, followed by a discussion of the properties and limitations of the system.
SYSTEM ANALYSIS
As described above traditional valve controlled hydraulic drives have an inherent power loss, due to the throttling over the valves. This not only means a throttling loss, when controlling the cylinder, but also reduces and limits the possibility for regenerative operation. Direct pump controlled drives do not have this inherent limitation, but has to handle the asymmetry of the cylinder. To overcome this problem, the concept presented here, see Fig.  2 , is based on a two pump/motor solution, as shown in Fig. 1 , where the pump displacements (D p and D r ) ideally are matched to the areas of the cylinder (A p and A r ). The benefit of this concept is that, not only is possible to avoid the throttling losses, but dependent on the operating situation the energy may also be regenerated through the two pump/motors which are connected to the same shaft, driven by an electric servo drive. The problem with the presented concept is that in practice it is impossible to uphold a matching of the pump flows to the cylinders areas under operation, due to the operating dependent volumetric efficiency of the pumps. An unmatched ratio may hence lead to both cavitation and excessive pressure build up problems, depending on the operating conditions, as shown next. Notice that the two pump/motors are connected on the same shaft, but with opposite directions.
Pressure Gradients
Considering the system semi-statically and utilizing the notation in Fig. 1 , where the load force, F L , may take on both positive and negative values, the continuity equation for the two cylinder chambers yield:
where β i is the effective bulk modulus for the i'th chamber. The cylinder ratio, α, and the flow displacement ratio, γ, may now be defined as:
Here the flow displacement ratio is dependent on the operating conditions, as the volumetric efficiencies of the pumps,η v,p and η v,r , vary dependent on the operating pressures and shaft speed. The two flows are here dependent on the unit is operating as pump or motor, where:
where ω m is the shaft velocity of the electric motor driving the two pumps and D p and D r the displacement of the two pumps respectively. For analysis purposes the pressure in the piston side chamber is assumed to be constant, i.e.ṗ p = 0, whereby the piston velocity is given as:ẋ = Q p /A p . Utilizing this assumption, and the definitions, Eqs. (3) and (4), Eq. (1), may be rewritten as:
From Eqs. (7) and (5), it therefore follows that:
The sign of the pressure gradient in the rod side chamber is dependent on the sign of the difference in cylinder and flow ratio and the sign of the velocity of the shaft, but independent on the loading of the cylinder. A similar analysis may be made for the case where the pressure in the rod side chamber is assumed constant, i.e.ẋ = Q r /A r , which yields:
From this it again follows that:
From Eqs. (8) and (10) it therefore also follows directly that:
regardless of the cylinder and flow ratio and the operating conditions of the system. Hence a situation with a pressure increase in one chamber and a pressure decrease in the other cannot arise (statically), regardless of the loading of the system.
Cylinder Loading
Considering next the loading of the cylinder, the force balance for the piston may be written as:
where F is the sum of all forces working on the piston except the forces from the pressures, i.e.:
with F c being the Coulomb friction,B the viscous friction coefficient, G(x) the gravitational load and M (x) the equivalent mass of the system. From Eq. (12) above it again directly follows that:
This yields the basis for analyzing the system. It should here be noted that as 0 < α ≤ 1, it follows directly from Eq. (14) that for F < 0 ⇒ p p < p r , whereas for the case where F > 0, nothing general may be said as both p p and p r may take on the biggest value, as this is dependent both on the loading and area ratio.
Analysis of Operating Situations
To analyst what situations may occur, depending on the different operating conditions, the different combinations of velocity and area and flow ratio needs to be considered, as this dictates, whether cavitation or pressure build up may occur. The sign of the force may then in some of the cases be used to indicate in which chamber cavitation or an excessive pressure rise may occur. Considering first the case where the cylinder is extending (ω m > 0), and the cylinder ratio is larger than the flow ratio (α > γ), it follows from Eqs. (10) and (11) that sign (ṗ p ) = sign (ṗ r ) > 0 and the pressure will increase in both chambers, when running the system at constant velocity, i.e. there is an excessive pressure build up in both chambers, until either one of the two pressures hits the limitation of the pressure relief valves, which should be incorporated in the system. This is regardless of whether the force, F , is positive or negative. Hitting the pressure limitation not only degrades the performance of the system, but may also influence the efficiency of the system, as the pressure is raised unnecessarily and influence the leakage in the system. Which of the two pressures that first hits a pressure limitation, depends both on the loading of the cylinder and the area ratio, why both pressures may essentially hit the pressure limitation. This hence covers the first case. The other operating conditions may be analyzed in a similar fashion, whereby the results given in Table (1) arises. Common for the cases with a positive loading, cf. Fig. 1 , is that it can not be determined in which of the two chambers either cavitation or pressure build up will occur, as this is dependent on the combination of the force and the cylinder ratio, i.e. for F > 0 ⇒ p p > αp r , but p r might still be bigger than p p dependent on the force and area ratio. This hence has to be taken into consideration in the control strategy for the system.
SYSTEM CONCEPT
Based on the above static analysis, it was shown that dependent on the force, F , and hence load force, F L , cylinder ratio, α, and flow (effective displacement) ratio, γ, cavitation could occur in both chambers or excessive pressure build up could occur in both chambers. A feasible system therefore have to address both aspects, and potentially in both chambers. The latter depending on the operating situations which the system may encounter.
To overcome these problems, the concept shown in Fig.  2 has been developed, which include an anti-cavitation system connected around each pump, two proportional bleed of valves to account for excessive pressure build up, and for safety reasons a pressure relief valve connected to each of the two cylinder chambers. Starting with the anti-cavitation system, this consists of not just one, but three check-valves (referred to by the Table 1 Overview of possible operating scenarios.
Excessive pressure build up may happen in both chambers F < 0: Excessive pressure build up, p r may hit pressure limit α < γ : (ṗ < 0):
Cavitation may occur in both chambers F < 0:
Cavitation may occur in piston chamber for p p ω m < 0:
Cavitation may occur in piston chamber for p p α < γ : (ṗ > 0): F > 0: Excessive pressure build up may happen in both chambers F < 0: Excessive pressure build up, p r may hit pressure limit Figure 2 Complete system with cavitation and excessive pressure build up protection included. last index), of which the third is spring loaded. The spring loaded check valve in combination with check valve one ensures that the back pressures of the two pump units, p pb and p rb , are always kept at a minimum when the flow is from the cylinder towards tank, and hereby refills the cylinder chamber in case of an operating situation where cavitation might else occur. The benefit of the presented solution is that this is done without the need for a boost pump, pressurized tank or accumulator. For the experimental set-up described below, the back pressure is here set to 2.5 bar, dictated by the suited available valves. The two first check valves also works as a standard anti-cavitation system in the case, where the oil from is from pump to cylinder chamber, hereby minimizing the risk of cavitation. To handle the case of excessive pressure build up in either of the two chambers, a proportional valve has been included for each chamber to bleed of flow to tank. It should here be realised that the proportional valves are only to bleed off the very small compressibility flow, why this has marginally influence on the system efficiency. Ideally these proportional valves could possibly be changed to simple and cheaper on-off valves, which are modulated according to the control strategy. For the analysis and validation of the concept, the proportional Cylinder data: valves are however preferred to avoid problems with introducing pressure pulsations in the system. To validate the concept an experimental setup has been made and a model of this system is presented next. The main components used in the setup are given in Table 2 . The valves and servo drive are all Bosch Rexroth components.
SIMULATION MODEL
With basis in the diagram of the system shown in Fig. 2 , the system is modeled as follows. The pressure build up in the two cylinder chambers are given by:
Where the different parameters refers to Fig. 2 and β i is the effective bulk modulus in the i'th chamber, modeled as:
where β f is the fluid bulk modulus, β a is the air bulk modulus modeled as β a = c ad p i , with c ad being the adiabatic air constant, and a the volumetric air content which is modeled as: 
where ∆p is the pressure drop across the valve in the positive flow direction. For the spring loaded check valves the flow the flow characteristic does not follow the orifice equation as nicely, and the flow characteristic has instead been tabulated, whereby the flow through a valve is modeled as:
Here p cr is the crack pressure of the valve, which for the used valves is 1.5 bar. To include the valve dynamics and avoid numerical switching problems in the model, the dynamics of all check valves have been approximated by a first order system with a time of 1 ms. For the proportional valves uncompensated valves should normally be used, as the flow across these increase for increasing pressure. However pressure compensated valves have instead been used due to the availability of these, which also means that for the test set-up a bit of the natural damping in the system have been removed compared to using uncompensated valves. This complicates the control a bit more, but is acceptable for the proof of concept phase. The flows through the proportional valves are therefore approximately proportional to the command signal and are hence modeled as such. The valves are however relative slow, but not much information is available for these and the dynamics of the valves are therefore incorporated through a first order system with a time constant of 16 ms, which is based on available data sheet information. The pressure relief valves are here neglected in the model, as these only serve as safety measures and even though the pressures in the system may rise excessively, the pressure do not reach the pressure limitation in any of the duty cycles specified. Finally the electrical servo drive, used to drive the two pumps, consists of the electric motor, inverter and an internal controller accepting a velocity reference. Based on this the servo drive is approximated by underdamped second order system with a damping coefficient of 0.35 and an eigenfrequency of approximately 200π rad/s, which has been validated experimentally.
As mechanical load for the system, the bucket cylinder of a Case 580 backhoe loader has been used. Dependent on the configuration of the backhoe, this has the characteristic of going over center, as seen in Fig. 4 , whereby both positive and negative load forces may be experienced. The model of the mechanical system is here given by Eq. (13), which couples the mechanical model and the hydraulic system. The equivalent mass, M (x), and gravitational force, G(x), are shown in Fig. 4 . In the model Coriolis and centripetal terms are neglected, as their influence is negligible for the operating of the bucket. The model of the system is hereby complete, and in the next section the feasibility of the concept is illustrated using both simulation and experimental results to validate the system. 
SIMULATION AND EXPERIMENTAL VALIDATION
As described above the system has been implemented on the bucket cylinder of a backhoe loader, and a number of different trajectories have been used for testing the system under the different operating conditions. In Fig. 5 below are shown both the important simulated and measured states for the system, when completing a retraction and extension and operating the servo drive motor with a speed of 2000 rpm corresponding to a cylinder velocity of approximately 150 mm/s in steady state. From the figure it may be seen that the there is acceptable correspondence between the simulated and measured piston position, whereas the two pressures are slightly more off, but to the same side, i.e. the resulting force of the system is captured quite nicely, cf. Fig. 6 . The pressures being of is due to the volumetric efficiencies of the two pumps, which is calculated based on measures data from similar pumps, but not the actual pumps used in the system. Besides this, the efficiency data used is the same for both pumping and motoring operation, even though the pumps have not been tested in motoring mode. Hence even small deviations in the efficiency plot of the pumps, may have significant influence on the pressure dynamics, as it is only the compression flow that yields the pressure build up. The main characteristics of the system is however captured, and both the two situations described in the analysis are seen in the response, where in the first period when retracting, both the two pressures are continuously increasing. The reason that neither of the two pressures hits the pressure limitation is simply due to the fact the stroke of the cylinder is not long enough (running longer, the pressure would continue to rise, but the pressure limitation is not reached before the cylinder end stop) and that the loading of the cylinder is relatively low. Considering the second part of the trajectory, where the cylinder is extending it is seen that both the two pressures instead decrease, where the rod side pressure hits the level of the anti-cavitation system. The latter happens faster in the simulation than for the real system, which is a result of the inaccuracies and simplifications of the model, i.e. neglecting the pressure drops in the long hoses connecting the pumps and cylinder, the aforementioned uncertainties in the actual pump efficiency and the simplified friction models used. Considering the simulated and measured cylinder force then it is seen that these follow each other nicely, which indicate that the deviations in the model is in the hydraulic system, especially the pump efficiencies, and not the mechanical model. The latter is also supported by the results presented in Fig. 7 , which show similar response of the system, when operating with only half the speed of before. Despite these deviations in the simulated pressures, the model still captures the main dynamics and characteristics of the real system with reasonable to accuracy to be able show the control of the system to avoid the excessive pressure build up, as illustrated next.
Control Strategy
For the control strategy, the primary objective of the drive is to function as a velocity servo, where velocity is controlled via the servo drive. Secondly the pressure is controlled within desirable limits. However, the control strategy has to consider the different operating conditions given in Tab. 1 and different control strategies may be adopted. For the present paper a simple strategy is used, where the velocity and pressure is considered as decoupled. As focus is here only on the pressure control strategy, the velocity control is simply considered open loop, where the servo drive reference is generated from static flow considerations, where the required actuator flow on the meter-in side is converted to a pump rpm (not accounting for volumetric efficiency). It is however possible to expand this to a closed loop control if further accuracy is required. Considering first the case, where the pressure gradient is negative, then the side where cavitation may occur is handled via the anti-cavitation system, whereas the other pressure is determined through the loading of the system. The control problem therefore reduces to controlling the velocity of the drive, which is simply done open loop via the shaft speed, whereby deviations is due to the compression of the oil in the pressurized chamber. For the case where the pressure gradient is increasing and excessive pressure build up may occur, the pressure control strategy is instead to control the pressure in the nonload carrying chamber, determined by whether p p < αp r or p p > αp r , where in the first case p p will be controlled, whereas in the second case it will be p r . The control however, has to take into account that it is only possible to bleed of oil via the proportional valves, why controlling the proportional valves only allows for lowering the pressure in respective chamber, when considering the two control loops decoupled. A simple control strategy is therefore to start bleeding of oil to tank, when the pressure in the non-load carrying chamber reaches a fixed set point value, p set . Below this limit the pressure is on the other hand simply allowed to vary according to the operating conditions. The set point value is here a compromise between obtaining a reasonable stiffness in the system, which is coupled to the bulk modulus of the oil, and maintaining a high system efficiency. The latter here dictates as low a pressure as possible, whereas the first indicate that the pressure should be chosen sufficiently large that the influence of air content in the oil is minimal. Based on this consideration the set pressure is therefore set to 25 bar in the below simulation, as the air content and long hoses in the test set-up reduce the stiffness in the system. For part of the control strategy when the controller kicks in, a simple proportional controller is used for the first simulations, as there is no problem in having a small steady state error in the pressure and the strategy will show the effect of bleeding of the oil. However, the aspect of the control of the system is a subject for further studies. To determine the gain of the proportional controllers the piston side chamber in Fig. 2 may be considered, for which the pressure build up was described by Eq. (15). Denoting Q p + Q p2 − A pẋ = Q d the pressure build up was given as:
where the flow over the proportional valve is given by:
where K pv is the valve gain. For the piston side the control law is therefore given as:
Considering only the first case of the control law and linearizing the system, whereby only changes from the operating point is considered, the correlation between the changes in the flow Q d and the change in flow across the proportional valve may be described as:
The controller gain may therefore be determined from the desired time constant, τ , of this system as:
The same applies for the controller for the rod side chamber. In both cases the time constant should here be chosen according to the remaining system dynamics and the bandwidth of the proportional valve, why in the present simulation a time constant of 0.01 s is used. Similarly the gain is determined from the average chamber volume, whereas bulk modulus is determined via the desired set pressure in the chamber. To validate the functionality of the system, the strategy has been implemented in the simulation model and the results are shown in Fig. 8 , where the response of the system is shown for the same trajectory as shown in Fig. 5 . From the simulations it may be seen that the system behaves as expected. For the first period, where p p is controlled, it is seen that this nice stabilizes just slightly over 25 bar, which also limits the rod side pressure from increasing. The pressure spike around 2.5 s is due to the change of direction. From the figure it may furthermore be seen that at the point where the direction changes, the control strategy also switches to control p r instead, which fastly drops towards the 25 bar. However, as the pressure gradient is negative in this operating mode, the pressure decreases further until the anti-cavitation system kicks in, and the piston pressure stabilizes on the required level. From the above simulation it is therefore clear that both the anti-cavitation system and the excessive pressure build up protection system works as intended. The control strategy for the system may, however, be improved, which is part of the future work for the system. Similar it should be investigated, whether it is possible to reduce the need for the proportional valves, by e.g. realizing a hydro-mechanical solution or using on-off valves and controlling the modulation of these instead, without introducing to large pressure spikes in the system CONCLUSIONS In the current paper a novel servo drive consisting of two fixed displacement pumps connected on a common shaft have been introduced and analyzed. From the analysis of a simplified system it was shown that both cavitation and excessive pressure build up may happen in the system. To counteract these problems, the novel servo drive concept was introduced, which incorporates an anticavitation system that ensures a back pressure on the unit operating as motor, and a system to compensate for the excessive pressure build up that may occur. Based on both a simulation model of the system and experimental data it was shown that the system is feasible, and a simple control strategy was described and tested. Based on the simulation and experimental results it was therefore shown that the system may handle both the cavitation and excessive pressure build up problems, and further studies will therefore concentrate on whether it is possible to replace the used proportional valves and better control strategies.
